Proper design of feedback controllers is crucial for ensuring high performance of Active Magnetic Bearing (AMB) supported rotor dynamic systems. Annular seals in those systems can contribute significant forces, which, in many cases, are hard to model in advance due to complex geometries of the seal and multiphase fluids. Hence, it can be challenging to design AMB controllers that will guarantee robust performance for these kinds of systems. This paper demonstrates the design, simulation and experimental results of model based controllers for AMB systems, subjected to dynamic seal forces. The controllers are found using H ∞ and µ synthesis and are based on a global rotor dynamic model in-which the seal coefficients are identified in-situ. The controllers are implemented in a rotor-dynamic test facility with two radial AMBs and one annular seal with an adjustable inlet pressure. The seal is a smooth annular type, with large clearance (worn seal) and with high pre-swirl, which generates significant cross-coupled forces. The H ∞ controller is designed to compensate for the seal forces and the µ controller is furthermore designed to be robust against a range of pressures across the seal. In this study the rotor is non-rotating. Experimental and simulation results show that significant performance can be achieved using the model based controllers compared to a reference decentralised Proportional Integral Derivative (PID) controller and robustness against large variations of pressure across the seal can be improved by use of robust synthesised controllers. * Address all correspondence related to ASME style format and figures to this author.
Introduction
Uncompressible and compressible fluid flowing through very narrow gaps in annular seals can generate large forces. The influence of such liquid and gas seal forces on the lateral dynamics of rotating machines has been intensively investigated over several decades, by Fritz [1] , Black [2, 3] , Childs [4] and Nordmann [5] among others. Under high pressure and high pre-swirl flow conditions such aerodynamic forces can destabilize the rotating shaft, leading to high levels of lateral vibration. Catastrophic failures may occur in extreme cases of contact and rubbing between rotating shaft and seal.
The prediction of the dynamic behaviour of seals forces by means of mathematical models has been well documented in the literature over the past five decades. However, accurate prediction of seal forces remains an unresolved problem. The publications have been focused on describing seal dynamics using either CFD [6] [7] [8] [9] or bulkflow models [10, 11] , and they have shown that for seals under well-defined single phase flow conditions a reasonable match between theoretical and experimental results can be achieved [12] , especially in the case of incompressible fluids [13] . Once a bulkflow model is built based upon several simplifying assumptions which do not necessarily hold [14] in practical industrial applications, several ways of "tuning" uncertain model parameters based on experimental as well as theoretical approaches can be explored [15] .
To illustrate the challenges associated with the modeling of dynamic seal forces and the accurate prediction of seal force coefficients a survey was conducted in 2007. Here 20 survey participants from both industry and academia were asked to predict the dynamics of a gas labyrinth seal and consequently the rotordynamic behaviour [16] . The seals dynamics were predicted using bulkflow and CFD methods.
The survey showed large variations in results and emphasized the need for continuous efforts towards modeling and uncertainty handling of seal forces, even for single phase flow conditions.
Seal forces under multiphase flow conditions, i.e. where the fluid is an inhomogeneous mixture of gas and liquid, are still an open and difficult modeling task [17] . In this framework, larger model uncertainties should be expected for seals under multiphase flow conditions due to a limited knowledge about the dynamic behaviour of fluid forces under such conditions, especially when combined with complex seal geometries, such as hole-pattern and labyrinth. Model uncertainties are thus unavoidable due to the complexity of the fluid-structure interaction and the limitations of mathematical modeling associated with simplifying assumptions.
In AMB supported rotordynamic systems, the effect of gas seal destabilizing forces can be significantly mitigated by employing feedback controllers, if these controllers are properly designed and tuned. Designing and implementing feedback controllers for AMB supported rotordynamic systems that account for the destabilizing aerodynamic seal forces can be very challenging, due to i) the dependence of seal forces on the varying operating conditions such as rotational speed and pressure difference across the seal; ii) the changes in fluid (gas) properties; iii) changes in the process flow characteristics; and iv) model uncertainties. In this framework the necessity of designing robust controllers able to deal with uncertainties and parameter changes is clear. Several articles have focused on designing robust controllers for AMB systems [18] [19] [20] . A popular choice for designing robust Linear Time-Invariant (LTI) controllers for AMB systems is by using the H ∞ framework and a Linear Fractional Transformation (LFT) formulation to represent the nominal system and uncertainty. Using H ∞ with an uncertainty representation of the plant allows for the direct synthetisation of the controller, ensuring some worst-case performance guarantees. In many cases the conservativeness of the synthesised H ∞ controller can be reduced using DK-iteration, as done using the µ synthesis framework [21] . The robustness criteria for AMB systems are specified in ISO 14839-3 stating that the closed loop output sensitivity should be less than 3 for the system to be classified as Class A [22] . In the H ∞ framework such a requirement can be fulfilled by weighting the sensitivity function. Some articles report research efforts on fault-tolerant control methods. [18] shows that improved tolerance to specific external faults is achieved through H ∞ optimised disturbance rejection. Specifically, increased robustness is shown in the case of mass loss of rotor in a testrig with a flexible shaft and moveable baseframe. Improvement in performance of H ∞ controllers based on nonlinear plant compared to H ∞ controllers based on linear plant has been reported in [23] . In [19] the authors show that robust controllers for uncertain rotational speed can be addressed using an LFT consisting of the nominal system and a representation of how the system changes due to gyroscopic effects using gyroscopic matrix scaled by a repeated uncertainty. The natural frequencies of the flexible shafts bending modes are the main uncertainties treated in [20] and a robust controller is designed using µ synthesis. Robust stability to additive and multiplicative uncertainties can directly be ensured by applying complex weighting functions to the transfer functions KS (controller sensitivity) and T (complementary sensitivity). The conservativeness of the robust controller design can be reduced in the case of a Linear Parameter Varying (LPV) controller design, where one or more parameters are measured in real time, and can represent changing dynamics, which would otherwise be considered uncertain. A measured parameter could be the rotation speed, which can be utilized to reduce synchronous vibrations as shown in [24] . A flexible rotor subjected to uncertain Cross Coupled Stiffness (CCS) generated by using an extra set of active magnetic bearings previously been considered [25] . However, this demonstrated the difficulty in designing robust controllers using µ synthesis able to compensate for uncertain CCS in flexible rotating systems. Adaptive controllers to detect and compensate for cross coupling forces have been reported in [26] where the authors numerically simulated a rotordynamic system supported by AMB and subjected to a time variant CCS. An observer was built and theoretically demonstrated the ability to track the changes of CSS parameter in time. Using pole placement techniques a controller was designed to work along with the observer. In [27] the authors estimated on-line the unknown CSS parameter of a rotor by a recursive least square estimator. Simulation results of adaptive control in parallel with a baseline PID controller were considered in [28] , where the controller was designed to compensate for changes of CCS in time and periodic disturbance forces. The work shows that the adaptive controller could handle much larger amplitudes of CCS forces than a fixed LTI Linear-Quadratic Regulator (LQR). However, to date, only numerical studies have been carried out dealing with the adaptive controller problem. In general stability and robustness are hard to guarantee in adaptive control systems which is crucial for implementation in industrial applications.
The design and simulated results using H ∞ , µ and LPV controllers to compensate for uncertain and varying seal forces in a turbocharger supported by AMBs are demonstrated in [29] . Specifically, a hole pattern seal is considered for a balance piston in a turbo-expander application. Performance improvements are shown when using robust control for handling model uncertainties in the dynamic force coefficients of the seal, compared to a controller based on a nominal model. Also, since the dynamic seal coefficients of the hole pattern seal are heavily dependent on the excitation frequency, an LPV controller is designed to deal with the frequency dependency using the rotational speed as the scheduling parameter. The performance enhancements compared to a µ controller are shown for delivering performance over the complete rotational speed range.
A method for identification of uncertain/unknown seal and electromechanical parameters, to obtain a precise global model of an AMB-rotor-seal test facility is presented in [30] . The test facility is described in [31] . The method can be employed on-site without the use of any calibrated force measurement sensors -only the free-free model of the shaft is needed a-priori. The seal forces are characterized as direct stiffness and damping coefficients and cross coupled stiffness and damping coefficients which are functions of pressure across the seal and excitation frequency. This method could potentially be implemented in all rotor dynamic systems supported by AMBs and subjected to seal forces. This paper uses the rotor dynamic model with in-situ identified seal coefficients, presented in [30] , to design model based controllers, for handling dynamic seal forces. The idea is to enhance the performance of the global system without increasing the direct stiffness or damping of the system. In this study the rotor is non-rotating. This paper is structured as follows. In Section 2, a description of the AMB-rotor-seal test facility is provided. In section 3, a mathematical model representation of the nominal and perturbed plant is given, followed by the results of the global model with identified seal coefficients. In Section 4, the controller design structure and weight function selection is presented. In Section 5, the simulated and experimental results of a PID reference controller and the synthesised H ∞ and µ controllers for handling seal forces at different pressures is demonstrated.
Experimental Facility
The experimental facilities used for this work consist of an AMB-based rotordynamic test bench with a seal housing presented in Fig. 1 . Two AMBs radially support a symmetric rigid rotor which is driven by an asynchronous motor through an intermediate shaft and a flexible coupling, as seen in The global reference frame is denoted by x, y and the actuator reference frame is denoted by ζ, η, which is tilted 45 • with respects to the global reference frame. The two AMB stators have been manufactured using two different production methods yielding different geometric tolerances for the AMBs. The AMBs are supplied by four 3 kW laboratory amplifiers. The seal, mounted in the center of the shaft, is installed as a back-to-back configuration, hence two symmetrical seals are placed to cancel out possible axial fluid film forces. It is designed with primary and secondary discharge seals to avoid any liquid entering the AMBs, since the test facility is designed to operate with both gas, liquid and mixtures between gas and liquid. The fluid used in this article is gas, though. The fluid is injected by four highly angled nozzles to obtain a high preswirl ratio, hence the fluid is already rotated at the inlet of the seal. A cross section of the injection system is shown in Fig. 2 .
A full description of the test facility can be found in [32] and the design parameters for the rotor dynamic test bench can be found in Table 1 . 3 Mathematical Modeling, Perturbed Plant and System Identification This section presents details about the mathematical system, the perturbed system representation and the results of system identification -all related to the models used for control synthesis. The modeling and identification of uncertain/unknown parameters of the test facility are described in detail in [30] .
Mathematical Model
The global mathematical model describes the dynamic interaction among all test-rig components, namely rotor, AMB, motor-shaft flexible coupling and gas seal. An overview of the forces acting on the rotor and sensor positions is given in Fig. 3 
Model of AMB Forces
The model of the magnetic bearing is simplified to describe the forces acting on the rotor as function of the rotor lateral displacements at the AMB location s x and the control current i x . The linearised expression of the forces is given as [33] 
where K i are K s are constants. Initial estimates of K i and K s have been obtained using first principle methods and identified as shown in [30] . The dynamics of the electromechanical system, including the inductance of the coil and the amplifiers, is approximated using a second order model, denoted G act
where the damping coefficient and natural frequency are found to be ξ = 0.9 and ω n =1360 rad/s (216 Hz).
Model of Dynamic Seal Forces
The dynamic seal forces are commonly described by their linearised force coefficients: stiffness, damping and sometimes mass matrices. Mass coefficients are hereby neglected since the fluid used is air [34] 
This model has a symmetric structure since the shaft is assumed to be in the center of the seal. The coefficients are generally a function of the rotational speed and the excitation frequency.
Model of Flexible Coupling Forces
The force of the flexible coupling is modeled using linear stiffness associated with the lateral movements of the shaft. Angular stiffness associated with the tilting movements of the shaft is considered negligible, leading to:
The stiffness matrix has been identified by shaking the rotor using the AMBs as shown in [30] .
Model of Shaft
The dynamic behaviour of the rotating shaft is mathematically described using the Finite Element (FE) method and Bernoulli-Euler beam theory considering the gyroscopic effects of the shaft and discs [35] . The shaft model is built using 40 node points with 4 degrees of freedom each, i.e. x and y direction, and the rotation around the x and y axes. It yields 320 states in total. The global rotordynamic system G f consisting of the finite element model of the shaft, the linearised AMB force coefficients K i and K s , the stiffness and damping of the seal and the stiffness of the coupling can be written in state space form. Using modal truncation techniques, real left and right modal transformation matrices are obtained which transform the full order FE system to a reduced form. The first bending mode frequency lies at 550 Hz and the shaft is considered rigid for the work carried out in this paper. Thus, all bending modes have thus been removed in the reduced order model. The FE model is selected though for generality and for possibility of extending the model to include some of the bending modes if needed. The rotational speed is kept at zero for this study to isolate the seal effects. The tangential fluid flow is induced by means of four injectors built as illustrated in Fig. 2 , what leads to high preswhirl effect. The state space matrices representing the nominal rotor dynamic system, A, B and C are given in Appendix A. These system matrices are normalised using scaling constants for simpler weight function selection in the control design, D −1 e G f D u , using D e = 20 × 10 −6 m indicating the largest allowed control error and D u = 1 A indicating the maximum allowed input change.
Perturbed Plant Representation
The nominal model can be extended to include changes or uncertainties in the plant dynamics. This is utilized for identification of uncertain AMB parameters K i , K s as well as unknown seal parameters K, k, D, d, as described in [30] . In this paper, Section 4, the perturbed system representation is utilised for the design of robust controllers. The perturbed plant G f i is constructed using the nominal model (A, B and C) and the uncertain dynamics representation, which are combined and written in LFT form, as illustrated in Fig.  4 [36] . Here ∆ is a diagonal matrix representing the uncer- 
tain parameters to be identified. G f i can be written in state space form, as shown in Eq. (5), where A, B and C are the nominal system matrices. Here the input and output matrices are extended from the nominal model to include the input and output mapping B ∆ and C ∆ .
B ∆ and C ∆ represent changes in the nominal plant caused by deviations in stiffness and damping of the gas seal. B ∆ and C ∆ are built as shown in [29, 30] and given in Appendix A.
Identification of Seal Parameters for Different Pressures
The seal force parameters of the specific test seal have been identified in [30] . Here the seal coefficients are identified using sinusoidal disturbance forces at different frequencies to investigate their frequency dependency. The excitation force is generated using the AMBs by adding an excitation current on top of the control current used to stabilize and levitate the rotor. From the experiments, it is seen that the seal adds a significant amount of cross coupled stiffness which is dependent on the applied pressure and that the seal force coefficients have no frequency dependency in the frequency range of 0-200 Hz. Since the seal force coefficients are considered frequency independent and the stepped sinusoidal procedure is time-consuming, it is chosen to identify the seal force parameters for different pressures using impulse disturbances of 0.05 A with a duration of 10 ms for both bearings in ζ direction. Impulse responses showing the performance of the identified global model compared to experimental data are seen in Fig. 5 and 6, where the seal force coefficients have been identified at pressures of 0.95 bar and 1.90 bar, respectively. The decentralised PID controller with the gains given in Sec. 4.2 is used for the identification of the seal forces. The simulated and experimental responses match very well, indicating that the model captures the seal dynamics well. Moreover, the shaft lateral displacements at A ζ are smaller than at B ζ due to the coupling montage near bearing A and due to different K i and K s values of the two bearings. Identification results of K i and K s values can be found in [37] and coupling stiffness values can be found in [30] . Shaft lateral displacements are also detected in η direction due to the cross coupling gas seal forces. Nevertheless, the shaft lateral response in η direction is relatively low due to the low values of pressure drop along the seals, as depicted in Fig. 5 for pressure drops of 0.95 bar. The shaft lateral response in η direction becomes significantly larger when the pressure drop across the seal is increased by a factor 2, namely to 1.90 bar, as illustrated in Fig. 6 .
The behaviour of the identified seal force coefficients as a function of the pressure drop along the seal is shown in Fig.  7 . Linear regression lines are shown to highlight the trends and the estimation uncertainty of each coefficient. The direct stiffness K is low and weakly-dependent on the pressure drop along the (worn) seal with relatively large radial clearance. The cross coupled stiffness k is the most significant parameter and has a strong correlation with the applied pressure. It can be observed in Fig. 7 that the uncertainty of the estimated damping parameters, relative to their size, is large; though, it is normally expected that there is larger uncertainties in estimating damping than stiffness parameters. As shown in [30] direct damping D improves the global models accuracy. Nevertheless, such an identified parameter seems to compensate for some residual dynamics coming from the electro dynamics rather than from the gas seal. The cross coupled damping decreases with increased pressure drop along the gas seal in the pressure range investigated. It is less challenging to find a controller that robustly stabilizes the plant for uncertain seal forces if the direct stiffness and damping gains are proportionally much higher than the cross coupled forces from the seals. Especially for the specific case where the rotor is considered rigid and thus no flexible modes will be excited. 2. Due to changes of the operational pressure across the seal, the controllers should deliver robust performance to plants with pressure drop changes within ±100 % of the nominal pressure drop across the seal. The nominal pressure drop is chosen to be 2.04 bar, i.e. the controller must deliver robust performance in the range of 0-4.08 bar. Due to high preswhirl flow conditions associated to the gas seal under investigation, it is assumed that pressure changes only significantly alter the cross coupled stiffness k. Thus, changes in the seal coefficients K, D, d due to pressure change have been neglected when synthesizing the controllers and evaluating the compliance and sensitivity functions. It should however be no- 22] . This is to ensure a general robustness of the system due to unmodelled dynamics and gains in the system which can change over time. Although ISO 14839-3 only requires the sensitivity to be lower than 3 for each diagonal element, it is in this framework required that the maximum singular value of the full sensitivity function to be lower than 3 to ensure robustness due to cross coupled dynamics. 5. The compliance function should be as low as possible over the complete operational range to ensure small orbits and responses due to unbalance forces and other external disturbances.
Reference controller
The derivative action is limited for high frequencies using the term εT d s + 1 with ε = 0.1. K p is the overall gain of the controller. This type of controller is the most commonly used controller in the industry for AMB systems due to its simple structure with only a few parameters to be tuned. This controller has shown to deliver good performance during an extensive experimental testing campaign. Nevertheless, due to its decentralised structure, it does not directly compensate for lateral cross coupling interaction coming from gyroscopic or seal forces. The interconnection in Fig. 8 and 9 is used for robust controller synthesis. W p shapes the sensitivity functions i.e. the relationship from input and output disturbances W 1 and W 2 to the displacement error e. W p is formulated with the 
Robust Control Design Interconnection and Weight Functions
The weighting function W p has multiple purposes: I) Set a low sensitivity at low frequencies to obtain an integral effect, which eliminates steady state error in position reference. The constant A w indicates the steady state error and is set to 1 1000 . II) The constant M indicates the maximum peak of the sensitivity functions and is tuned to obtain a peak value smaller than 3 (or 9.5 dB) for robustness [22] . III) The crossover frequency w B indicates the desired bandwidth of the closed loop system [36] . This parameter is tuned to achieve an integral time close to the reference controller of 0.2 s.
The weight W u has a function of adjusting the roll-off frequency of the controller and the amount of control effort. This weight is tuned to obtain similar gains as the PID reference controller in the mid range frequency range. The weight W u is chosen as a constant and is independently tuned for the synthesis of the H ∞ and µ controllers to obtain similar gains of the direct terms, in order words, Fig. 10 . Fig. 8 shows the interconnection rearranged for controller synthesis such that P is the fixed augmented plant. Note that ∆ is for the uncertain plant representation and ∆ P (full perturbation matrix representing the H ∞ performance specification) are collected into the diagonal elements of∆. Hence synthesising a controller can be done by finding a controller that minimises the ∞ norm of the transfer function from w to z, formulated as a lower LFT
Robust Control Synthesis
An H ∞ controller of order 20 is synthesized using the nominal plant representation and a µ controller of order 24 is synthesized using the perturbed plant . The state space matrices of the synthesised controllers can be found in Appendix B. The gain of the controller transfer functions is shown in Fig. 10 . 
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Compliance Function
The compliance transfer function describes the relation between rotor lateral displacements at bearing locations A and B and external perturbation forces. This function must be as low as possible at all frequencies to ensure good force disturbance rejections and small orbits. An upper bound of the amplitude of the compliance function can be found by calculating maximum singular values of the compliance function,σ(G f ). These are shown for the system at nominal pressure (solid lines) and at nominal pressure with ±100 % variation of nominal pressure in Fig. 11 .
Not surprisingly, it is seen that H ∞ and µ controllers have their lowest amplitude over the frequency range for the nominal pressure (solid lines), since this corresponds to their design point, i.e. nominal operational pressure across the seal of 2.15 bar. Their amplitudes for the nominal pressure are only slightly higher than for the PID controller at low pressure condition. The rotor-bearing-seal system operating with the PID controller has a resonance peak at 40 Hz at nominal pressure. At a slightly higher frequency (50 Hz) the H ∞ has a peak which is the largest for the low pressure condition.
Rotor-bearing-seal system operating with both the H ∞ and µ controllers have a resonance peak at a low frequency at ap- proximately 2 Hz for low pressure conditions, showing their worst performance at low frequencies. This is evidenced by the highest compliance values at low frequencies in Fig. 11 . The compliance function can be used as an indication of the worst case of unbalance response, if this function is multiplied by expected unbalance force, as shown in Fig. 12 .
Assuming the shaft is balanced according to the G2.5 norm at 500 Hz results in a maximum unbalance force of 541 N at 500 Hz. Both the H ∞ and µ controllers ensure an orbit below 8 µm over the 200 Hz frequency range, which is considered acceptable. Gyroscopic effects are neglected for simplicity.
Sensitivity of Perturbed Plant Using Different Controllers
The closed-loop output sensitivity functions are shown in Fig. 13 using the perturbed plant with ±100 % cross coupled stiffness variation and the PID, H ∞ and µ controllers.
The µ controller nearly ensures the maximum peak of the singular values of the closed loop sensitivity function to be below 3 (or 9.5 dB), as recommended by ISO 14839-3. The H ∞ has higher sensitivity peaks than 3, but stabilises the plant for the whole pressure range. The PID controller has very high peaks and does not stabilise the system for high pressures. The input sensitivity is seen to be very similar to the output sensitivity and is not shown here. 
Theoretical and Experimental Results
The performance of the designed controllers is demonstrated in this section using different disturbances and pressures. Simulation results show the performance of the perturbed plant in terms of the rotor lateral displacement and AMB current responses to current impulse disturbances. Experimental verification of the closed loop performance under different pressure conditions is shown for a pressure and a no pressure condition with two different current impulse disturbances.
Time Simulation of Perturbed Plant Operating
With Different Controllers Fig. 14 shows the simulated impulse response of the perturbed plant. Identical impulsive 10 ms disturbances of 0.05 A on both AMBs are simultaneously applied, exciting the rotor lateral movements orthogonally at positions A and B, i.e. directions A ζ and B η . There is a clear coincidence between the robustness issues in terms of the high peaks in sensitivity functions shown in Fig. 13 and the oscillations in the responses shown in 14. The µ controller leads to a rotor-bearing-seal system with lower sensitivity peaks and more stable (shorter settling time) than the system with the H ∞ controller. The rotor-bearing-seal system with PID controller turns unstable for high pressures across the gas seal. It is interesting to note that the µ controller handles the cross coupled forces differently to the H ∞ controller seen at the beginning of the impulse response. Here it can be seen that the two controllers requested currents start in opposite directions at A η .
Experimental Validation of Controller Performance
The controller performance due to the impulse excitation current is verified experimentally, using a current disturbance simultaneously at the orthogonal directions and different bearing locations A ζ and B η , as shown in Fig. 15 , and using a current disturbance simultaneously at the different bearing locations but in one single direction ζ, A ζ and B ζ , as shown in Fig. 16 . It is chosen to benchmark the controllers at two conditions: 1) at a pressure drop of 2.04 bar which is the nominal design condition of the model based controllers. 2) at zero pressure drop which corresponds to a deviation of the cross coupled stiffness of −100 % compared to the nominal design condition of the model based controllers. This is to test the robust performance of the model based controllers, i.e. how well they perform when operating far away from the nominal conditions. It is also to see the performance of the PID controller and how well the model performs, when applying different controllers. Fig. 15a, b, c and Fig. 16a , b, c show the rotor lateral displacement responses for zero pressure drop across the gas seal while Fig. 15d , e, f and Fig.  16d , e, f show the responses for the case of 2.04 bar across the gas seal. The experimental and simulated responses match well, indicating that the model fits well for different disturbances and the controllers act as expected. The seal force coefficients are identified based on responses using the PID reference controller as described ealier. From the plots, it can be observed that 1. The decentralized PID shows good performance when no pressure is applied as seen in e.g. Fig. 15a . The displacement in A ζ and B η directions are not equal despite the same sized current disturbance being applied in both AMBs. This is due to the flexible coupling that is mounted close to bearing A, and due to bearing A and B having different K i and K s values. No cross coupling is seen in the responses for the disturbance entering via A ζ and B ζ since no pressure is applied and no significant cross coupling exists in the decentralised PID controller. This is seen in Fig. 16a . Stability and performance issues arise as the pressure is applied since this decentralized controller structure does not compensate for cross coupled seal forces. This is seen as oscillations in Fig. 15d . Fig. 15e , even though the cross coupling effects due to the aerodynamic seal forces are handled slightly differently. For the case of no pressure drop across the seal, an improvement in terms of settling time, stabilization and reduction of oscillating behaviour is seen when using the µ compared to the H ∞ controller. Hence the µ controller is more robust to changes of pressures across the seal.
Conclusion
This paper demonstrates the capabilities of three types of controllers, both theoretically and experimentally, in addressing and compensating for rotor lateral vibrations induced by destabilising aerodynamic seal forces. Numerical simulations of rotor lateral dynamics are carried out using identified mathematical models. Experiments are conducted using the synthesised controllers applied to the test facility. Comparison between theoretical and experimental results agrees very well, allowing us to conclude that:
i) The designed H ∞ controller shows significant performance improvements when the rotor-bearing-seal system operates close to design pressure conditions, i.e. pressure drop across the gas seal around 2.04 bar. However, when the pressure drop across the seal changes from the nominal one, the performance of the controller is reduced, once the identified model used to synthesize the controller is no longer able to accurately predict the dynamics of the rotor-bearing-seal system (plant). Specifically, a decreased performance is observed when the pressure drop across the seal is lower than the nominal condition. ii) Using the perturbed plant formulation and µ synthesis to design robust controllers, it is shown to be possible to optimize and improve the worst case performance over a larger pressure range. The synthesised µ controller is able to handle pressure variations better than the
iii) Since the controller gains, and thus the direct stiffness and damping coefficients of the AMBs are cost parame- ters, they are kept approximately constant for all three types of controllers, namely PID, H ∞ and µ. The parameters subjected to changes are only the gas seals force coefficients due to pressure drop variations. The seal force coefficients are quite high compared to the force coefficients of the AMBs. The theoretical and experimental investigations were carried out in such a way to emphasise the difference in performance of the controllers with similar gains. A slightly more realistic approach would be to increase the controller gain or the size of the AMBs to obtain larger values of direct stiffness and damping. This would immediately increase robustness and stability followed by significant improvement in system performance. iv) Finalizing, this paper has presented a structured way to design robust controllers to deal with uncertain/varying seal forces, including the tuning of the weighting functions. It is shown that the robust controller synthesis deals with finding a non-conservative controller that will guarantee robust performance while at the same time keeping the controller gains moderate. The method could potentially be implemented in any AMB based systems subjected to seal or other fluid film forces.
A The System Matrices
The system matrices for the nominal plant in section 3 and perturbed plant in 3.2 are given as 
A c c e p t e d M a n u s c r i p t N o t C o p y e d i t e d
Journal 
0.000 1.000 × 10 −3 0.000 
